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Abstract To enhance the operational stability of centrifugal pumps, this study investigates the influence of splitter blade length on the axial and radial forces
of centrifugal pumps. Using the SST k-w turbulence model and experimental research, the external characteristics, axial force, radial force, and time-frequency
characteristics of pressure pulsation were compared among impellers without splitter blades and those with splitter blades of two different lengths. The results
show that impellers with a conventional structure achieve higher efficiency near the design operating point. However, under low-flow conditions, the rectifying
effect of splitter blades allows impellers with splitter blades to achieve higher efficiency. For impellers with splitter blades, the axial force shows a periodic
behavior, presenting two peak values — one large and one small — within each cycle. The addition of splitter blades shifts the radial force acting on the impeller
to one side, requiring an increase in the support strength and stiffness of the rotor system. Furthermore, splitter blades influence the pressure pulsation at the
impeller's inlet and outlet, the original impeller has an additional pulsation energy at 145 Hz but the splitter blades are different. Thus, an impeller with splitter
blades can reduce the frequency pulsation and optimizing flow conditions. This study provides valuable theoretical insights and data support for the hydraulic

structural optimization of centrifugal pumps.
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Highlights

= Influence of splitter blade length on the axial and radial forces of centrifugal pump is studied.

= Impellers with a conventional structure achieve higher efficiency near the design operating point.

= Splitter blades shifts the radial force acting on the impeller to one side.

= Splitter blades influence the pressure pulsation at the impeller's inlet and outlet.

1 INTRODUCTION

Centrifugal pumps, as one of the most commonly used fluid
transportation devices, are widely applied in various fields such as
water treatment [1], chemical production [2], energy conversion
[3], and agricultural irrigation [4]. Their operational efficiency
and stability directly impact the economic viability and safety
of production processes. The fundamental working principle of
centrifugal pumps is based on the action of centrifugal force. By
rotating, the impeller draws fluid from the pump inlet into the blades
and accelerates it to a high specific velocity under centrifugal force,
simultaneously converting Kinetic energy into pressure energy [5].
As such, the impeller serves as the core component of a centrifugal
pump.

In the design and operation of centrifugal pumps, dynamic
characteristics are a critical factor that cannot be overlooked. Al-
Obaidi used numerical calculation and experiment to study the
complex hydrodynamic characteristics of axial flow pumps [6],
including the influence of flow conditions [7], the influence of the
number of blades [8], guide vane configurations [9], and the influence
of cavitation characteristics [10]. Moreover, during operation, the
blades are subjected to fluid dynamics forces, resulting in radial and
axial forces [11]. Radial force primarily acts perpendicular to the
rotational axis on the impeller and is caused by the centrifugal force
of the fluid and the interaction between the impeller and the fluid.
Axial force, on the other hand, is generated along the pump shaft
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and is mainly influenced by the flow direction of the fluid within the
pump. Notably, the inlet and outlet angles of the pump play a crucial
role in the distribution of these forces [12]. Radial and axial forces
are the primary factors affecting the stability of centrifugal pumps.
Excessive radial force can increase friction between the pump casing
and the impeller, leading to heat generation and localized wear [13].
Similarly, excessive axial force may cause bending of the pump
shaft, compromising operational stability and reducing the pump's
lifespan. Therefore, effectively controlling these forces is a key task
in centrifugal pump design.

In recent years, advancements in computational fluid dynamics
(CFD) have allowed researchers to delve deeper into the factors
influencing radial and axial forces [14]. For instance, Zhu et al. [15]
investigated the axial force of a guide vane mixed-flow pump using
experimental and numerical simulation methods. They optimized
the axial force by incorporating balance holes and balance disc
structures, employing orthogonal experiments and BP neural network
algorithms to achieve optimal efficiency and axial force. Liu et al.
[16] studied the axial force characteristics of a centrifugal pump with
a floating impeller structure, developing mathematical expressions
for fluid leakage, fluid pressure, and axial force acting on a stainless
steel disc in the axial gap. Their findings revealed that the floating
impeller significantly reduces axial force. Dong et al. [17] examined
the impact of particle flow on the axial force of a centrifugal pump,
using a semi-open impeller pump as the study object. Their research
showed that the total axial force in clear water conditions is greater
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than in particle flow, but the total axial force increases as the solid-
phase volume fraction rises. Cao et al. [18] investigated the influence
of the backflow hole structure on the pump's axial force and energy
characteristics, finding that when the ratio of backflow balance hole
area to sealing ring area exceeds six, better axial force balance can be
achieved. Similarly, significant progress has been made in the study
of impeller radial forces. Cui et al. [19] explored the effect of radial
force on the vibration characteristics of centrifugal pumps using
numerical simulations to examine the relationship between flow
rate, radial force, and vibration characteristics. Their results showed
that impeller radial displacement aligns with radial force variations
but lags behind in phase. Moreover, radial force-induced vibrations
increase flow losses within the pump, reducing efficiency. Gonzalez
et al. [20] studied the impact of the clearance between the impeller
and volute on radial forces in centrifugal pumps through experimental
and numerical analysis of both steady and unsteady radial forces.
They found that, under certain flow conditions, larger diameters
generate higher radial forces, although this does not apply universally
to all operating points. Ou et al. [21] conducted numerical studies on
the hydrodynamic radial force in mixed-flow pumps, discovering
that the transient hydrodynamic radial force of the impeller shows
periodic variation over time. Under uniform inflow conditions, the
average transient radial force approaches zero, while in certain flow
conditions, recirculation flow structures significantly affect pressure
pulsation and hydrodynamic radial force. The aforementioned studies
highlight that the hydraulic structure of the impeller has a substantial
impact on the axial and radial forces within the entire rotor system,
further influencing the vibration and noise characteristics of the
pump's operational system. Consequently, reducing axial and radial
force pulsations has remained a key focus for both academia and
industry.

In recent years, with advancements in the hydraulic design
methods of centrifugal pumps, the splitter blade design approach has
been introduced to enhance pump performance [22]. Splitter blades
are secondary blades added behind the main flow path of the pump.
By altering the flow path on the blades, they optimize the fluid flow
state, reduce flow losses, and thus improve the performance and
stability of the pump [23]. In centrifugal pumps, the design parameters
for splitter blades are particularly critical. Different configurations of
blade shape, length, and angle can lead to variations in fluid flow
characteristics within the pump, thereby affecting the operational
state and lifespan of the entire system [24]. For instance, Yan et al.
[25] employed unsteady CFD analysis to enhance the efficiency of a
double-volute centrifugal pump and reduce the unsteady radial forces
on the impeller. By introducing splitter blades, they improved the
pump's hydraulic performance and mitigated unstable radial forces.
Similarly, Zeng et al. [26], aiming to reduce pressure and radial force
pulsations at the design point of a centrifugal pump, considered the
circumferential position, leading-edge location, and deflection angle
of splitter blades. They demonstrated experimentally that splitter
blades are effective in suppressing secondary flows and reducing
fluid-induced vibrations. Xie et al. [27] studied the resonant response
of impellers to multi-frequency fluid excitations using an acoustic-
fluid-structure coupling method. They investigated the influence
of the number and circumferential position of splitter blades on
the natural frequency of impellers. Their findings revealed that
adding splitter blades between the main impeller blades reduced the
natural frequency of the impeller in both air and water, while the
circumferential position of the splitter blades had minimal impact
on the natural frequency. These studies collectively indicate that
splitter blades significantly enhance the internal flow structure of
pumps. However, the presence of splitter blades also influences the
distribution characteristics of radial and axial forces on the impeller,
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particularly with respect to blade length [28]. Existing research
suggests that different blade lengths can alter the magnitude and
distribution of radial and axial forces [29]. Appropriately designed
blade lengths can not only improve pump efficiency and flow rate
but also effectively reduce vortex flows within the pump, minimize
noise, and enhance stability [30]. Conversely, improperly designed
blade lengths may increase these forces, leading to greater vibrations,
increased noise, and premature equipment wear [31]. While these
findings primarily focus on the main blades of the impeller, they also
provide valuable insights for the design of splitter blades. Currently,
research on splitter blades remains limited, and studies specifically
addressing the effects of splitter blade length on impeller axial
and radial forces have yet to be published. Therefore, an in-depth
investigation of the hydrodynamic characteristics of splitter blades
and their impact on centrifugal pump performance not only offers
guidance for pump optimization and improved energy efficiency
but also provides critical theoretical and practical references for the
development of related industries.

This study will employ a combination of experimental and
numerical simulation methods. By constructing centrifugal pump
models with varying blade lengths, the research will investigate
the variations in radial and axial forces under different operating
conditions. Numerical simulations will be conducted using CFD
software to capture the actual fluid flow characteristics within the
pump, and these results will be compared with experimental data.
Simultaneously, the experimental data will be used to validate the
accuracy of the simulation model and further analyze the impact of
different design parameters on pump performance. This systematic
research approach not only allows for a comprehensive analysis of
the effects of blade length on the pump’s dynamic characteristics but
also provides practical guidance for future studies and applications.

2 METHODS & MATERIALS
2.1 Pump Model and Splitter Blade Structure

In this paper, we focus on the ISG25-220 model, a single-stage
single-suction horizontal centrifugal pump, as our primary subject
of research, illustrated in Fig. 1. The centrifugal pump is designed
to have a flow rate (Q) of 88 m3/h , a head (H) of 12 m, and an
operational speed (n) of 1450 rpm. For the design of the pump's
hydraulic structure, we utilize a high-efficiency centrifugal pump
model with a comparable specific speed, which is calculated as
follows:

—2TNE 9. (1

We primarily design two schemes: one with shunt blades and the
other without, for comparative purposes. Additionally, to evaluate
the impact of diverter blade length on the hydraulic performance of
the centrifugal pump, we implement two different lengths of diverter
blades for further analysis. Consequently, three distinct hydraulic
design schemes for the impeller are selected, as depicted in Fig. 2.

Fig. 1. Physical centrifugal pump model
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Fig.2. Splitter blades structure; a) impeller #A, b) impeller #B, c) impeller #C

The rotary bias method is mainly used in the design of the shunt
blade. Since the original non-shunt impeller has 6 blades, the angle
between each blade is 60°. Therefore, when designing the splitter
blade, the original blade is rotated by 30° and its inlet edge is cut,
leaving only the tail of the blade. In this paper, the length of the
splitter blade is set to 0.7 times and 0.3 times of the original blade
length respectively. The main parameters of the centrifugal pump
model and the splitter blade are shown in Table 1.

Table 1. Main parameters of the centrifugal pump model

Parameter Value
Designed flow rate, O, [m3/h] 88
Designed rated head, H [m] 12
Rated speed, n [rev/min] 1450
Impeller inlet diameter, D, [mm] 112.5
Impeller outer diameter, D, [mm] 219
Number of blades, Z 6
Impeller outlet width, 5, [mm] 22.02
Blade inlet angle, S, []

Blade outlet angle, /3, [°] 16.5
Blade wrap angle, ¢ [°] 90
Guide vane angle,  [°] 15
Volute base circle diameter, D5 [mm] 176.5
Volute outlet diameter, D, [mm] 100

2.2 Pre-Processing of Numerical Calculation

Some preparatory work is required before numerical calculations are
performed on a centrifugal pump model. The first is to model the
computational domain through 3D design software. The hydraulic
power of the model pump was modeled by UG NX software in
three dimensions, including inlet section, outlet section, impeller,
volute and pump gap chamber. In the three schemes in this paper, the
clearance of the impeller mouth ring is equal and has little influence
on the flow field in the shunt impeller, so it can be ignored in the
modeling process. In addition, considering that inlet reflux and outlet
reflux will lead to divergence of the calculation process, the inlet and
outlet areas of the impeller are extended respectively [32]. The three-
dimensional water structure of the centrifugal pump is shown in Fig.
3.

Grid is the carrier of simulation and analysis, and the quality
of grid has an important impact on the calculation accuracy and
efficiency [33]. In this paper, ANSYS ICEM is used to divide
the hexahedral structure of the whole basin. In the process of
discretization of the calculation domain, the mixed mesh method is
mainly adopted, that is, hexahedral structured mesh is mainly used
for the inlet segment, outlet segment, volute and pump cavity, which
can not only accurately control the streamline distribution and the
orthogonal direction of the boundary layer, but also flexibly adjust

the distance between nodes to adjust the density of the boundary
layer mesh [34]. As for the impeller, due to its high hydraulic
structure complexity, the generated hexahedral mesh quality is poor,
so the tetrahedral unstructured mesh is used to generate. For the three
impeller schemes that need to be compared in this paper, the same
mesh generation standard is adopted, and the final mesh quality is
higher than 0.5. Figure 3 shows the meshing scheme and encryption
details for different computing domains.

Outlet

Volute
Fig. 3. Mesh generation detail of the pump model

Gap Impeller

Refined grid

Fig.4. Mesh details of different simulation domain

The presence of boundary layer mesh can more accurately capture
the flow in the near-wall region and reflect the flow characteristics
in the near-wall region [35]. Thus, it is necessary to encrypt the
boundary layer of blade surface and volute tongue to ensure
calculation accuracy. In order to meet the requirements of different
flow patterns on the number of grids in the near wall area, in order
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to ensure that there are enough nodes in the area, y* value can be
used to test the location of the node closest to the wall. Here, y* value
represents the distance from the node closest to the wall to the wall,
and is a dimensionless variable, whose definition is as follows [36]:
=2, @)
v
where, u represents the wall friction velocity, [m/s]; y represents the
distance between the two nodes closest to the wall, [m]; v represents
kinematic viscosity, [Pa-s]. The y+ values of blade surface and volute
wall are shown in Fig. 5.

Yplus

l25

r19

Fig.5. Distribution of -+ on the blade

2.2 Grid Independence Test

In the numerical calculation, it is necessary to analyze the influence
of the number of grids on the calculation results to avoid the solution
error caused by the size of the grid, that is, the number of grids [37].
Thus, it is necessary to use different mesh sizes for grid division. The
grid independence analysis is carried out based on the change of the
head with the number of grids under the design condition, and an
appropriate number of grids is selected for further study.

To evaluate the sensitivity of the computational mesh, this
study adopts the grid convergence index (GCI), a method initially
introduced by Li et al. [38]. The GCI approach necessitates that the
obtained results adhere to the condition of monotonic convergence
to ensure reliability. In this work, three distinct grids with varying
levels of refinement were constructed and analyzed under the rated
operating conditions of the original impeller design. This process
enables a systematic assessment of how mesh resolution influences
the accuracy and stability of the simulation results. The formula for
calculating GClI is as follow [39]:

_ | F§ ‘abﬂ.h‘

GCI , (3)

Ty —1
where F is the safety factor, taking values in the range 1.25 to 3.00,
and 1.25 when three or more grids are used.
Symbol r denotes the grid refinement ratio and is defined as follows:
1
Nbl P
Ty =| —1| 4
on=[ 2] @
where N is the number of control cells of the grid; D is the
computational dimension; the subscript b represents different grid
schemes, with larger b indicating a denser grid.

Symbol ¢ is the relative error of the results obtained from
numerical calculations using two sets of grids with adjacent
quantities:

]rh - f;wl

, 5
.f;;+l ( )
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ab+l‘h =

where f;, is the numerical discrete solution of the selected convergence
parameter.

Symbol « is the convergence accuracy. When three sets of grids
are used for GCI analysis, x can be calculated iteratively based on Eq.

(6) as follows:
rzﬁl -8
g(ﬁ)=ln[r,; _S], (6b)
s =sgn (fj_{fj, (6¢)

where g(x) is the x-order error term coefficient that does not vary
with the grid. It should be noted that when ( ,—/f5)/( /1) <0, i.e.,
s=—1, the oscillatory iterative convergence solution is prone to occur,
and then the grid needs to be replaced and recreated.

As can be seen from Table 2, with the increase of the number of
grids, the value of GCI decreases from 1.21 % to 0.62 %, meeting
the requirement that the value required by the GCI convergence
standard is less than 1. Therefore, in the final calculation scheme, the
grid density scheme is selected for grid generation in all calculation
domains.

Table 2. Calculated results of GCI with different sizes of grids

Mesh numberx 108 Relative error GCl [%]
203 0.000097 1.21
23.6
305 0.000034 0.62

2.2 Governing Equations and Boundary Conditions

The numerical calculation process of the flow field in centrifugal
pump is actually a process of solving the governing equation, and
in order to solve the governing equation, it is necessary to select a
suitable turbulence model closed equations. Reynolds time average
method uses time mean value and pulsation value to represent
instantaneous value, which has high reliability and small calculation
amount, and can basically meet the engineering application
requirements, so it is the most widely used in practical engineering
[40]. The turbulence model based on Reynolds-averaged Navier—
Stokes (RANS) equation can be divided into vortex viscosity model
and Reynolds stress model. The vortex viscosity model is mainly
used to solve the turbulence viscosity coefficient, which can be
divided into zero equation model, single equation model and two-
sided equation model, among which the two-sided equation model
is the most widely used. The standard Reynolds stress model is
mainly used to solve the Reynolds stress transport equation [41]
Because the SST k-w model uses a mixed function combining the
standard k-w and the transformed k-¢ model, the standard k- model
is used in the near wall region and the transformed k-&¢ model is used
away from the near wall region. At the same time, considering the
transmission of turbulent shear force in the internal flow field, the
flow separation amount of fluid under negative pressure gradient can
be predicted very accurately, without excessive prediction of eddy
viscosity, which is especially suitable for the simulation of boundary
layer requiring high precision. Therefore, the SST k-w model closed
control equations are used in this paper to numerically calculate the
internal flow field of low specific speed centrifugal pump under
different working conditions.
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In the SST k- model, the eddy viscosity coefficient and &
equation and k equation are expressed as
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where, F; and F, serve as blending functions within the SST k-
turbulence model, while S denotes the shear force constant. The model
utilizes an empirical constant f, specifically set to 0.09, alongside a;,
another empirical constant. The turbulent eddy frequency, @ [s7'],
while the turbulent kinetic energy, & [m?/s?]. These parameters work
together to accurately represent and predict flow behavior within the
model's two-equation framework.

The setting of boundary conditions will essentially affect the
accuracy of the calculation results. The steady conditions of the low
specific speed centrifugal pump model are set as follows: the inlet
boundary condition is set as the total pressure, the outlet boundary
condition is set as the mass flow, the impeller is set as the frozen
rotor when it contacts with the inlet section and the impeller and the
volute, and the rotation Angle is specified as 360°. Set the number of
steady calculation steps of the model to 2500. The unsteady setting
of the outlet and inlet of the model is the same as that of the steady
setting. The difference is that the impeller wall is set to instantaneous
rotation, the inlet of the impeller and the contact surface between the
volute and the impeller are set to instantaneous freezing rotor total
time 0.103448 s, and the time step is t=1.72414 x 10 s, that is, the
impeller of the centrifugal pump model rotates 5 times. The impeller
is turned 3° at each time step. To ensure simulation accuracy, a
convergence criterion of 10 was selected for both the continuity and
momentum equations.
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2.3 Experimental Equipment

Based on the open test bench of Zhenjiang Machinery, China industry
testing institution, the performance test of the pump was carried out.
Figure 4 shows a schematic diagram of the test bench. First let the
motor no load, torque calibration at rated speed, and then connect
the motor to the test pump shaft. Connect each test device and
instrument according to the test standard, then fill the test pipe with
normal temperature water, turn on the machine to check whether the
instrument and equipment can work normally, open the pipe vent,
and drain the air in the pipe. Before starting the test mixed-flow
pump, the inlet and outlet valves on the test pipe are adjusted to the
maximum opening, and then the speed is adjusted by the frequency
conversion regulator to make the speed reach and maintain at the
rated speed of 1450 r/min.

Keep the inlet valve open to the maximum, slowly reduce the
outlet valve open, parameter measurement under different flow
conditions. Observe the indicator number on the pump product
parameter measuring instrument and system analysis program. When
the indicator number is stable at a certain value or fluctuates back
and forth within a small range of a certain value, it is considered as
the measured value and the corresponding data is recorded. After the
data measurement of the minimum flow condition is completed, the
speed is still adjusted by the variable frequency regulator to slowly
reduce to zero. After the shutdown is complete, wait for the water
flow in the pipeline to stop, and then turn the outlet valve open to
the maximum again. In order to minimize the accidental error and
improve the reliability of the test data, the energy characteristic data
recorded in the three repeated tests were arithmetically averaged and
used as the final test result.

2.4 \Verification of Simulation

The pump data acquisition terminal and processing program can
calculate the head of the test pump according to the inlet and outlet
pressure of the test pipeline, the shaft power can be calculated
according to the torque and speed data measured by the torque and
speed measuring instrument, and the efficiency can be calculated
according to the head and shaft power. The three expressions are as
follows:

_ 2 _ .2
H=ZZ—ZI+[p2 P1j+(VZ v, ]’ 11
Pg 2g
(M -M,
por(M=M,y) (12)
9552

6

Fig. 6. Schematic diagram of experiment system; 1 water tank, 2 valve, 3 inlet pressure transmitter, 4 pump, 5 torque sensor, 6 motor,
7 outlet pressure transmitter, 8 torque speed transmitter, 9 flowmeter, 10 valve, 11 data acquisition terminal, and 12 computer
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_PEOH 100, (13)
1000P

In Equation (11), p; and p, are respectively pump inlet and outlet
pressure, [Pa]; Z; and Z, are the installation heights of pump inlet and
outlet respectively, [m]. In this test, the installation heights of pump
inlet and outlet are the same, so Z,=Z25; v and v, are respectively the
average flow rate of the inlet and outlet of the pump, [m/s], which can
be calculated from the inner diameter of the inlet and outlet pipeline;
M is the measured torque of the pump set, M, is the no-load torque,
[N'm]; n is the speed, [r/min]; Q is the flow rate, [m3/h]; H is the
head, [m]; P is the shaft power of the mixed flow pump, [kKW].
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Fig. 7. Comparison of simulations and experimental results

Figure 6 shows the performance curves obtained from numerical
calculations and tests of the model pump. From the trend of the head
and efficiency, the numerical and experimental results are in perfect
agreement. At about 0=95 m’/h, the efficiency of the centrifugal
pump has the maximum value and is the optimal working condition
point. With the decrease in flow condition, the head curve gradually
increases. At about Q=45 m3/h, the local lowest point of the lift
curve appears, which is the point of stall condition, but the drop
of the lift is not much, indicating that the flow loss is not serious.
From the overall change of the head and efficiency, the head curve
changes gently in the low flow condition, indicating that the flow
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Fig. 8.
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structure in the pump shows a certain trend change. By comparing
the experimental and numerical results, it can be found that the error
between the numerical results and the experimental values is less
than 10 % under each flow condition, and further the error is under
0.2 for each test, which meets the accuracy required by the numerical
calculation. Therefore, the numerical method adopted in this paper is
feasible.

3 RESULTS AND DISCUSSION
3.1 Comparison of Energy Performance

Figure 8 compares the head and efficiency curves of centrifugal
pumps with and without splitter blades. The results reveal that pumps
with splitter blades exhibit distinct performance characteristics
compared to conventional impellers, especially under low-flow
operating conditions. Unlike the consistent negative slope observed
in conventional impellers, the head curve of pumps with splitter
blades transitions from a negative slope to a positive slope, indicating
the presence of a noticeable extremum point. In terms of specific
head values, centrifugal pumps equipped with splitter blades achieve
significantly higher head performance than conventional impellers.
It is almost 8 % higher than the original impeller design under the
condition of 70 m3h. For longer splitter blade structures, the head
is slightly higher, although the difference is marginal. Regarding
efficiency curves, conventional impellers demonstrate higher the
efficiency near the design operating point, whereas impellers with
splitter blades achieve better efficiency under low-flow conditions
due to the rectifying effect of the splitter blades. Consequently, while
splitter blades positively influence the head curve of centrifugal
pumps, this enhancement comes at the cost of some efficiency loss.

3.2 Analysis of Flow Field of Centrifugal Pump Blades
with Different Splitter Blade Length

Figures 9 and 10 illustrate the pressure and velocity distributions
within the impeller for different impeller designs. As shown in the
figures, both pressure and velocity are relatively low at the impeller
inlet but gradually increase as the fluid moves toward the impeller
outlet, reaching their peak values at the exit. Comparing different
impeller designs, it is evident that the addition of splitter blades
results in a more uniform pressure distribution along the impeller

100 ~
80 |
= |
= |
=~ 601
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Q
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Fig.9. Pressure distribution in different kinds of impeller
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Fig. 10. Velocity distribution in different kinds of impeller

periphery. Notably, near the volute tongue, the high-pressure region is
significantly reduced, and the circumferential pressure uniformity is
improved. This explains why the splitter blades contribute to a higher
head in the centrifugal pump. However, the introduction of splitter
blades also leads to the formation of a distinct low-velocity region
near the tongue, which plays a crucial role in the development of
vortex structures. The presence of these vortices increases hydraulic
losses within the pump, ultimately leading to a reduction in efficiency
under the design operating conditions.

3.3 Analysis of Axial Force of Centrifugal Pump Blades
with Different Splitter Blade Length

Figure 10 illustrates the schematic diagram of the axial force acting
on the impeller of the centrifugal pump under design operating
condition. According to the pump fluid dynamics theory, the axial
force of the impeller primarily originates from the fluid within the
impeller flow passage and the fluid in the gaps between the front and
rear shrouds of the impeller. Zhu et al. [42], developed a mathematical
model of the axial force exerted on the impeller by the fluid in the
front and rear gap regions under the rotational action of the impeller.
The main expression of the model is as follows:

F' =-F +F = —Jro 2rr-P- %proza)zdr
o 1
+["2mr- P 5 prio’dr. (14)

Here, F represents the axial force acting on the front shroud
of the impeller, while F, denotes the axial force acting on the rear
shroud. However, this model only accounts for the axial force caused

by the gap fluid and needs to include the contribution of the fluid
within the impeller flow passage to represent the total axial force
acting on the impeller. Although some researchers have proposed
empirical formulas to calculate the axial force caused by the fluid
within the impeller flow passage, in this study, more accurate axial
force values can be directly obtained through post-processing in
simulation software. Therefore, the final axial force is the sum of
three components: the axial force on the front shroud, the axial force
on the rear shroud, and the axial force caused by the fluid within the
impeller flow passage.

Figure 12 presents the time-dependent variations in the axial
force acting on the impeller under design conditions for different
impeller structures. To minimize random errors, the axial force over
the last three revolutions at the same impeller phase was averaged
arithmetically. Additionally, the axial forces for different flow field
phases of the two splitter blade configurations were compared,
with specific time points marked in the Fig. 12. Since the splitter
blades are only located within the impeller flow passage, they do
not affect the fluid in the gaps between the front and rear shrouds.
Consequently, the axial force exerted by the splitter blades has only
the flow passage component. From Fig. 10, it is observed that for
the original impeller, the axial force shows a periodic variation
over time, with a time interval of approximately 0.0069 s between
two peak values, equivalent to 20-time steps. Moreover, the axial
force is negative, indicating that its direction is toward the impeller
inlet. The maximum axial force is approximately 114 N, while the
minimum is around 62 N, nearly doubling within a single cycle.
This suggests that the impeller is susceptible to fluid excitation
forces during pump operation, potentially leading to vibrations. In
contrast, for the impellers with splitter blades, the magnitude of the
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axial force is significantly increased, but periodic behaviors similar
to the original impeller are observed, with the same periodic interval.
However, in this case, two peaks — one large and one small — are
present within a single cycle, which is distinct from the original
impeller. Additionally, the axial force direction for both splitter blade
configurations remains the same as that of the original impeller. As
the length of the splitter blades decreases, the axial force slightly
increases, rising from approximately 149 N to 170 N. However, in
terms of relative fluctuation amplitude, the increase in axial force is
significantly reduced. This indicates that splitter blades play a role in
mitigating axial vibrations of the impeller.
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Y
trertttttttttttetsatt

Y.

Outlez

. Axial force diagram of impeller

3.4 Analysis of Radial Force of Centrifugal Pump Impeller
with Different Splitter Blade Lengths

Figure 13 shows the curves of the radial force acting on the impeller
varying with time under different design conditions. Meanwhile, the
radial force fluctuation curve within one impeller rotation period was
selected and its schematic distribution along the circumference of
the impeller was plotted, as shown in Fig. 14. It can be seen from
the figures that the impellers under the three types of structures
all exhibit certain radial force fluctuation characteristics, but the
fluctuation characteristics of the original impeller and the impeller
with splitter blades are significantly different. For the original
impeller, the radial force pulsation curve has a more pronounced
periodicity, with only one peak value within one period. However,
for the impeller with splitter blades, the periodicity of the radial force
is weakened. Comparing impeller #B and impeller #C, it can be seen
that the difference in the extremes of the radial force over multiple
rotation periods is large, exceeding 40 N, which is much greater
than the radial force pulsation value under the design condition. This
indicates that the existence of the splitter blades leads to a serious
imbalance of the radial forces. From Figure 12, it can also be seen that
the radial force on the original impeller shows a central symmetric
structure along the rotation axis, but for impeller #B and impeller
#C impellers, this pattern is broken, and the radial force acting on
the impeller is biased to one side. This requires the rotor bearings of
the centrifugal pump to have the ability to withstand larger support
forces in order to reduce the radial excursion of the impeller during
rotation and maintain relative stability. Therefore, in the actual pump
design process, when splitter blades are added to the impeller, the
support stiffness and strength of the rotor system bearings need to be
further improved.

3.5 Analysis of Pressure Pulsation Characteristics
in Impeller with Different Blade Structures

To further clarify the influence of different impeller structures on
the pressure pulsation characteristics within the pump, this section
obtained the time-domain and frequency-domain distribution curves
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of pressure pulsation at three locations in the centrifugal pump under
the design condition for different impeller structures. The locations
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of the three pressure monitoring points are shown in Fig. 15. The
time-domain diagrams of the pressure pulsation are shown in Fig.
16. To reduce the random error, this paper selected the dimensionless
pressure coefficient C,, for comparison, which is defined as:

N
[Zp]/N
Cp:—i:1 B

1
~oU?

5 p

where p is the instantaneous pressure at the monitoring point, [Pa]; U

is the peripheral velocity at the impeller outlet, [m/s].

(15)

=

¥

Fig. 15. Schematic diagram of the location of pressure monitoring points

From the analysis of Fig. 14, it can be seen that at the impeller
inlet (P;), the pressure pulsation curves for the three impeller
structures all exhibit a certain periodicity, but within the same period,
the original impeller has fewer oscillations than impeller #B and
impeller #C, which is related to the number of blades. Although the
splitter blades are added downstream of the impeller flow passage,
they still have an influence on the pressure fluctuations at the
impeller inlet. Additionally, the pulsation amplitude of the original
impeller is significantly higher than that of impeller #B and impeller
#C. The pulsation coefficient C, of the original impeller reaches 0.3,
while the pressure coefficients of the two diffuser blade impellers are
both less than 0.2. This indicates that the flow at the impeller inlet
becomes more stable after adding the splitter blades. At the impeller
outlet (P,), the periodicity of the pressure pulsation curves still
exists for the three impeller structures, but the extreme value of the

pulsation coefficient for the original impeller is still slightly higher
than the two diffuser blade impeller structures. This suggests that the
flow stability at the outlet of impeller #B and impeller #C remains
better. In the middle of the volute outlet pipe (P;), the pressure
pulsation characteristics for the three impeller structures do not show
significant differences, as this location is far away from the impeller
and less influenced by the impeller.

To further extract the characteristics of pressure pulsation,
the time-domain signals at each monitoring point were subjected
to fast Fourier transform (FFT) to obtain the frequency-domain
distribution shown in Fig. 17. From the figure, it can be seen that at
the impeller inlet, the dominant frequency of the original impeller is
145 Hz, which is the blade passing frequency of the original impeller.
Furthermore, the pulsation amplitude at the dominant frequency of
the original impeller is the highest, followed by the second harmonic,
and the third harmonic is further reduced. This phenomenon indicates
that the energy at the inlet and outlet of the original impeller
gradually attenuates with increasing frequency. For the two impeller
structures with splitter blades, their dominant frequency is 300 Hz,
which is twice the blade passing frequency of the original impeller.
This is due to the addition of the splitter blades. In other words, the
blade passing frequency of the splitter blades is twice that of the
original impeller blades. In this case, the energy at the dominant
frequency of the splitter blades is predominant, while the energy
at other harmonics is relatively small. Ignoring the other harmonic
energies and only comparing the blade passing frequency and the
energy at twice the frequency among the three impellers, it can be
found that the amplitudes at 300 Hz are not significantly different,
but the original impeller has an additional pulsation energy at 145 Hz.
This further indicates that the impeller with splitter blades can reduce
the frequency pulsation at the impeller inlet and promote more stable
flow. Comparing impeller #B and impeller #C, it can be found that
the amplitude at the dominant frequency is slightly lower for impeller
#C, which also suggests that the length of the splitter blades is an
important factor affecting the pulsation at the impeller inlet.

At the impeller outlet, the frequency amplitudes for the three
impellers have all decreased. The main frequency characteristics
of the impellers with splitter blades are the same as at the impeller
inlet, with the blade passing frequency still dominating, but the
energy at twice the blade passing frequency is significantly increased.
This indicates that the flow structure at the impeller outlet becomes
more unstable, which is consistent with the physical reality. At this
point, the dominant frequency of the original impeller is still the
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characteristics of the three impellers do not differ significantly, with
the dominant frequency energy concentrated at low frequencies,
which is due to the unsteady flow structure at the volute outlet. In
this case, the length of the splitter blades does not have a noticeable
impact on the flow field at this location. Therefore, from the pressure
pulsation frequency response at different locations, it can be further
understood that the splitter blades can reduce the amplitude of the
dominant frequency at the impeller inlet, optimize the flow structure
at the impeller inlet and outlet, but the influence of the splitter blades
on the flow structure within the volute is not significant.
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Fig. 16. Time domain of monitoring points at designed point; a) point P, b) P,, and ¢) P

blade passing frequency, but the energy at the second, third, and
fourth harmonics gradually decreases, which is different from the
rapid attenuation of the harmonic energy at the impeller inlet. Under
different diffuser blade lengths, the shorter splitter blades have lower
dominant frequency energy, and the flow condition is slightly better
than the longer splitter blades. At the volute outlet, the frequency
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4 CONCLUSIONS

The performance of pumps with splitter blades is significantly
different from ordinary impellers, especially in the low flow rate
operating range. The head curve of a centrifugal pump with splitter
blades has a distinct peak, and there is a positively sloped region at
low flow rates. The head is almost 8 % higher under low flow rate
while the efficiency of the ordinary impeller structure is higher near
the design operating point, but at low flow rates, the straightening
effect of the splitter blades gives the impeller with splitter blades a
higher efficiency.



For the impeller structure with splitter blades, the axial force on
the impeller shows a certain periodicity, with the same time interval
as the impeller structure without splitter blades. However, within
one period, the axial force on the impeller with splitter blades has
two peak values — one large and one small. The length of the splitter
blades can also affect the magnitude of the axial force, and can help
reduce the axial vibration of the impeller.

After adding the splitter blades, the original radially symmetric
force distribution on the impeller is changed, and the radial force
acting on the impeller becomes biased to one side. This requires an
increase in the support strength and stiffness of the rotor system.
Additionally, the splitter blades can influence the pressure pulsation
at the impeller inlet and outlet, optimizing the flow conditions, but
their impact on the flow structure within the volute is not significant.

This article provides an in-depth analysis of the impact of splitter
blade length on the axial and radial forces of a centrifugal pump.
The findings are highly significant for optimizing pump design,
enhancing operational stability, and extending service life under
various working conditions. Future research should further explore
the effects of the placement angle, degree of distortion, and number of
splitter blades on pump performance to provide more comprehensive
design guidance for centrifugal pumps.
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Raziskava vpliva dolZine vmesnih lopatic
na radialne in aksialne sile v centrifugalni ¢rpalki

Povzetek Za izboljSanje obratovalne stabilnosti centrifugalnih crpalk
ta Studija preucuje vpliv dolzine vmesnih lopatic na aksialne in radialne
sile v centrifugalnih Crpalkah. S pomocjo SST k-w turbulenénega modela
in eksperimentalne analize smo primerjali karakteristiko, aksialno silo,
radialno silo ter ¢asovno-frekvenéne znacilnosti pulziranja tlaka med rotorji
brez vmesnih lopatic in rotorji z vmesnimi lopaticami dveh razli¢nih dolZin.
Rezultati kaZejo, da prvotni rotorji dosegajo visjo ucinkovitost v bliZini tocke
najvecjega izkoristka. Vendar pa pod pogoji nizkega pretoka usmerjanje
toka z vmesnimi lopaticami omogoca, da rotorji z vmesnimi lopaticami
dosegajo visji izkoristek. Pri rotorjih z vmesnimi lopaticami aksialna sila kaZe
periodi¢nost z dvema vrhovoma - enim vecjim in enim manjSim - znotraj
vsakega cikla. Dodatek vmesnih lopatic povzroCi spremembo radialne sile
na rotor, kar zahteva povecanje nosilnosti in togosti rotorskega sistema.
Poleg tega vmesne lopatice vplivajo na tlaCne pulzacije na vstopu in izstopu
iz rotorja; prvotni rotor izkazuje tlacne pulzacije pri frekvenci 145 Hz, kar pa
je pri rotorjih z vmesnimi lopaticami drugace. Tako lahko rotorji z vmesnimi
lopaticami zmanjsajo frekvencne pulzacije in izboljSajo pretocne pogoje.
Studija daje pomemben teoretiéni vpogled in podatkovno podporo za
hidravlicno konstrukcijsko optimizacijo centrifugalnih ¢rpalk.

Kljuéne besede centrifugalna Crpalka, aksialna sila, radialna sila, dolzina
vmesnih lopatic, tlacne pulzacije
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