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Gear Differential Flank Modification Design Method
for Low Noise
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To address the limitations of existing gear tooth modification methods, a differentiated tooth modification method is proposed, where the
modification amount of adjacent teeth varies according to a sine function. Initially, a mathematical model of the gear tooth profile varying
according to a sine function is established. Then, using Adams software, a simulation analysis of the dynamic characteristics such as centroid
angular acceleration, meshing force, and transmission error of gear pairs is conducted. The dynamic transmission performance of three sets
of gear pairs—unmodified, normally modified, and differentially modified—is compared. Additionally, Simcenter 3D software is used to analyze
the noise characteristics of these gear pairs. The results show that the differentially modified gear pairs, compared to the normally modified
ones, have a maximum reduction of 2.47 % in sound power level at the fundamental meshing frequency amplitude. This proves that the
differentiated modification method enhances the dynamic transmission performance of gears, offering a new method for gear vibration and

noise reduction.
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Highlights

*  Agear madification method is proposed with modifications varying by a sine function.
* A mathematical model for tooth profiles varying sinusoidally has been established.
. This method reduces angular acceleration, meshing force, and transmission error.

0 INTRODUCTION

Gear transmission is one of the core components in
automobiles, and its performance directly affects
the comfort and safety of the passengers [1] to [3].
Currently, electrification represents the main trend
in automotive development. The most significant
difference between electric vehicles (EVs) and
traditional internal combustion engine vehicles lies in
the power system. The replacement of the engine with
an electric motor has a profound impact on the gear
transmission system, leading to the development of
reducers that are higher revolutions per minute (RPM),
more efficient, and capable of handling higher peak
torques. The maximum input speed of these reducers
has reached 15,000 rpm to 20,000 rpm, even higher,
which is 3 to 10 times higher than that of traditional
vehicles. Consequently, the noise generated by the gear
transmission system during high-speed engagement
has become a major source of noise in EVs [4] to
[6]. Moreover, unlike internal combustion vehicles,
electric vehicles lack engine noise to mask other
sounds, making the noise from the reducer assembly
more pronounced. The noise quality of EVs can even
be worse than that of traditional vehicles, significantly
reducing the noise, vibration and harshness (NVH)
performance of EVs. Existing gear flank modification

methods apply the same modification parameters
to all teeth, using a uniform amount of modification
for each tooth surface. However, the effectiveness
of these traditional flank modification methods has
reached its limit, especially when dealing with high-
speed gear pairs, where the results are not always
ideal. Cattanei et al. [7] have proposed a method for
reducing rotor noise by changing the spacing between
circumferential blades according to a specific pattern,
thereby dispersing the harmonic peak energy of blade
impact frequencies and reducing the harmonic peaks
of blade impact frequencies. Although the mechanism
of rotor noise differs significantly from that of gear
noise, this noise reduction method offers a new
perspective for suppressing gear noise.

Vibration and noise reduction have always been
important topics in gear design and manufacturing
research [8] to [10]. For this purpose, a lot of effort
has been made, among which gear flank modification
is an important method for gear vibration and noise
reduction [11] to [13]. Rana et al. [14] utilized a non-
contact advanced precision finishing process involving
pulsed electrolytic dissolution to perform five types of
flank modifications and their combinations on spur
gears, significantly reducing the noise and vibration
of spur gears under a specific operating condition.
Ghosh and Chakraborty [15] studied the influence of
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gear flank profile modification amount on vibration
levels and identified the optimal modification amount.
Through optimization, the vibrations caused by profile
and pitch errors were significantly reduced. Wang [16]
established the connection between gear modification,
gear tooth load distribution, and the dynamic model
of the gear system, and proposed a multi-objective
optimization design method for helical gears that
considers both vibration/noise reduction and the
uniform distribution of tooth surface loads. Tang et al.
[17] established a parametric model of the high-speed
train traction gear transmission system and proposed
a noise reduction optimization design scheme that
combines tooth direction and tooth profile under
multiple working conditions, achieving satisfactory
transmission performance and noise reduction effects.
Yoon [18] proposed a new method based on using
cubic spline curves to modify the tooth profile to
reduce the vibration and noise of involute gears. Li
et al. [19] proposed a 3D modified tooth surface with
the grinding wheel moving in an axial helical ascent
and a radial parabolic motion, and established a multi-
objective ant lion optimizer model to optimize the
meshing performance and dynamic characteristics
of the herringbone gear transmission system. Han at
al. [20] proposed a method for the lead and profile
modification tooth flank of the work gear by setting
the movement of the A and B axes as two fourth-order
polynomial functions of the axial feed of the work
gear. Wang et al. [21] proposed a dual helical gear
modification optimization method based on a three-
segment parabolic cutter profile, which significantly
reduced the vibration and noise of the gear.

In addition to the gear flank modification
method, optimizing the macro geometric parameters
and structural parameters of gears, as well as
improving the manufacturing precision of gears, are
also common methods for gear vibration and noise
reduction [22] to [24]. Bozca [25] and [26] minimized
torsional vibration, transmission error, and gear
whine noise by optimizing the geometric parameters
of the gearbox. Tang et al. [27] and [28] proposed
using the minimization of noise from high-speed
train traction gear transmissions as the optimization
objective and obtained the optimal combination of
retrofit parameters and noise data. Hou et al. [29]
significantly reduced the dynamic meshing force
and dynamic response of gears by optimizing the
method of gear web and tooth ring thickness. Yang
et al. [30] proposed the parameter optimization of
weight reduction holes on gear blanks to improve the
damping characteristics of lightweight gears. Xuet al.
[31] studied a lightweight, low-amplitude web design

method to reduce gear weight and lower noise. Qi et
al. [32] employed panel acoustic contribution analysis
and the response surface methodology for structural
acoustic analysis and multi-objective optimization of
gearboxes, aiming to reduce the radiated noise of the
gearboxes.

The methods of gear flank modification,
optimization of geometric and structural parameters
have been proven to be effective for gear vibration
and noise reduction. However, with the continuous
advancement of EV technology, the requirements for
gear transmission systems have gradually increased,
and the existing gear vibration and noise reduction
technologies and methods are gradually encountering
bottlenecks. The traditional gear flank modification
method, which processes all gear teeth into the same
tooth surface topography, sometimes cannot achieve
the ideal noise reduction effect. Inspired by Cattanei's
design idea [7] of varying the spacing between blades,
if the modification parameters of all gear teeth are
varied according to a certain rule (such as a sine
curve), creating a differentiated design in the tooth
surface topography of each gear tooth, it is possible
to achieve the purpose of gear pair vibration and
noise reduction by tuning the fluctuations during the
rotation of the gear teeth, which represents a new
design approach.

To validate this innovative design approach, a
mathematical model of gear tooth profile modification
varying according to a sine function was established.
Utilizing Adams software, the dynamic transmission
characteristics of gear pairs, including centroidal
angular acceleration, meshing force, and transmission
error, were analyzed. Comparisons were made among
unmodified, normally modified, and differentially
modified gear pairs. Additionally, Simcenter 3D
software was employed to compare the vibration
and noise characteristics of these three sets of gear
pairs. The findings demonstrated that differential
modification enhances the dynamic transmission
performance of gears and effectively reduces
vibration and noise in gear pairs, offering a novel
method for gear vibration and noise reduction. A
new gear tooth modification method is proposed, in
which each gear tooth is modified to different degrees
and the modification amount of adjacent teeth varies
according to a sine function. This method improves
the dynamic transmission performance of gear pairs
by introducing additional sidebands in the spectrum,
thereby reducing the amplitude of the dominant gear
meshing harmonics.
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1 MATHEMATICAL MODEL OF GEAR TOOTH
MODIFICATION PROFILE

Tooth profile modification is a primary method to
avoid meshing interference and impact during tooth
pair conversion, effectively reducing vibration and
noise. Fig. 1 illustrates the parameter setting and
modification effect of tooth profile modification.
In this study, we employ an arc modification curve
(radius r) for tooth profile modification, focusing on
the modification of the gear top as illustrated in Fig.
la and b. The modification begins at the intersection
point C;, where the modification start circle (radius
R;) meets the involute gear profile. The initial arc,
denoted as /; with center O;, passes through C,
and reaches the top point C, on the gear profile. By
rotating arc /; around C; by an angle AfS, we obtain
the modified curve /, for the tooth top. The angle Af
represents the extent of modification, and adjusting
its magnitude allows for controlled modification of
the tooth top, as shown in Fig. 1c. The method for
modifying the tooth root is similar, as shown in Fig.
1d, and will not be elaborated further here.

Existing methods for gear modification typically
standardize the modification amount or topography of
all teeth on a gear, resulting in the same modification
effect on all tooth surfaces. This paper introduces
a differentiated modification approach, where the
modification amount for each tooth on a gear varies
according to a sinusoidal function. This means that the
topography of each tooth is unique, thereby reducing
gear vibration and noise. The modification amount for
each tooth is represented by the following sinusoidal
function:

Ay =" +%Sin(27nn], 1)
where n represents the gear tooth number, A,
represents the modification amount for each tooth, 4,
is the average modification amount across all teeth, a
is the threshold for modification fluctuation, and z is
the number of teeth on the gear.

Due to the variability in the shape of each tooth,
a separate model is established for each tooth. The
following details the modeling method for the tooth
profile curve during top modification. The involute

parametric equation can be expressed as:
y =R, cosf+R,0sinb @)
x=R,sin0—R,0cos6’

where x and y represent the coordinates of the involute
in the Cartesian coordinate system, R, is the radius

of the base circle, and 6 is the sum of the involute
expansion angle and the pressure angle.

Modification
amount /.,y
Starting point
of tooth top
modification
-allo!

Starting point
of tooth root
modification

Fig. 1. a) and b) tooth profile modification, and ¢) and d)
coordinate system construction

The coordinates for the starting point of the
tooth top modification, C;(x;, y1), can be determined
by solving the equations of the starting modification
circle and the involute parametric equations. Similarly,
the coordinates for the intersection point of the initial
modification curve /; with the tooth top, C,(x,, y»), can
be obtained by solving the equations for the tooth top
circle and the involute. The initial modification arc /;,
passing through points C; and C, with the center at
Oy, can be described by the following equation:

(xl _il)z +()’1 _j1)2 =r

(xz _il)z +(yz _jl)z =r
Here, r represents the radius of the modification
arc, with the center O; having coordinates (i;, j;). A
local coordinate system, S'{x" C; '} is established
with the modification starting point C; as the origin.

The transformation equation between the local S’ and
global coordinates S{x O y} is as follows:

x=x"+x

{ , “)
Y=y tn

To transform the center O; from global

coordinates to local coordinates O; (i, j), if the
angle between O;C; and the x'-axis is denoted as £,

then: {i{ = rcos f,

Ji=rsinf,’

3

®)
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If the angle between O,C, and the x'-axis is
denoted as £, then:

B, =B, +AB. (6)

Here, Af is the modification amount, since each
tooth has a different modification amount, so let
AB=(n).

The coordinate equation of the center O, of the
modified arc /, is expressed in the coordinate system
S":

{iQ’ =rcosf3, e

Ji=rsinf,’

To transform the center O, (i,', j,") from the local

coordinate system S’ to the global coordinate system S

as O, (i, j»), and subsequently derive the equation of

the modification arc /, in the global system S, which

serves as the mathematical model for the tooth top
modification profile, can be represented as follows:

(x,~i,) + (v, =) =" ®)

Herea xne(xls .X'3), yne(ylv yS)’ C3()C3, y3) is the
intersection of the modification arc /, with the tooth
top circle. Collate Egs. (4) to (7), where i,, j, are
respectively:

i, = rcos{cos'1 (Z' ~ j-i—),(n)}rxl
r

jy = rsin[cos1 (ll —% J+ /l(n)}+y1
r

Similarly, the mathematical model for the tooth
root modification curve can be obtained as follows:

(x;—i4)2+(y,’,—j4)2=r2, (10)

where the coordinate values i, j, of the circle center
O, are denoted respectively:

. A B=X '

14—rcos{cos[ r J+A(n)}+x4

J, =rsin {cos1 (13 T j-i—),('n)} Y,
r

where xn'e(x49 xé)’ yn’E(y% y6)9 C4(X4, y4) is the
starting coordinate for the tooth root modification,
Cs(xs, vs) is the intersection point of the initial
modification arc /3 with the tooth root profile, Os(i3,
j3) is the center of the initial modification arc I3,
Oy4(iy, j4) 1s the center of the modification arc I, after
a rotation angle 4,), where 4y, is the amount of tooth
root modification, and Cg(xg, ¥6) is the intersection
point of /, with the tooth root profile.

(€))

(11)

2 DIFFERENTIAL MODIFICATION MODEL
OF GEAR TEETH WITH SINUSOIDAL LAW

This article uses a pair of standard involute straight-
tooth cylindrical gears as a case study for the
following modeling and simulation. The gears have
a module of 2.5 mm, a teeth number of 32:48, a
pressure angle of 20°, and a tooth face width of 30
mm. Additionally, the modification arc radius is set to
r =15 mm, the starting radius for tooth top modification
is Ry = 42 mm, and the starting radius for tooth root
modification is R, = 38 mm. The average amount of
tooth top modification is 1y = 8° with a modification
differential fluctuation threshold of a = 10°, and the
average amount of tooth root modification is A'g = 5°
with a modification differential fluctuation threshold
of a’ = 6°. The parameters mentioned above were
obtained after optimization, and the optimization
model is shown in Fig. 2. To enhance the efficiency
of modification during manufacturing, differential
modification is applied only to the pinion. The amount
of modification for each tooth on the pinion is set
according to Eq. (1), as shown in Fig. 3, where 4 is
the modification amount for the tooth top of the first
tooth, Ay is the modification amount for the tooth
root of the first tooth, A,y is for the second tooth's
top, and 4/ for the second tooth's root, and so on.
The specific modification amounts for each tooth are
shown in Table 1.

Table 1. Setting the modification amount for each gear tooth

Geartooth  Tooth top modification Tooth root modification
number amount [°] amount [°]
,1(1) 8+5sin(0°)=8.0000 5+3sin(0°)=5.0000

5-+3sin(11.25%=5.5853
5-+3sin(22.5°) =6.1481

/1(2) 8+5sin(11.25°)=8.9755
),(3) 8+5sin(22.5°)=9.9134

Aoy  B+55in(326.25°)=5.2221 5-+3sin(326.25°)=3.3333
A1y ~ 8+5sin(337.5°=6.0866 5+3sin(337.5°)=3.8520
Az  8+5sin(348.75°=7.0245 5+3sin(348.757=4.4147

The radius of the tooth root fillet generated by
the tool is 0.8 mm. Since the tooth root fillet designed
here has little influence on the meshing of gear pairs
and will not interfere with the design of tooth root
fillet, the existence of tooth root fillet can be ignored
in the establishment of the dynamic simulation
model in order to reduce simulation time. All the
simulation calculations in this paper are carried out
without setting the tooth root fillet, and the calculation
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Optimization parameters

| . . ing circl ing circl A . . i
Modification Stgmng cirete Stgmng cirete verage Modification amount
. radius for tooth radius for tooth | modification . -=
Arc Radius . . . . fluctuation threshold
- top modification || root modification amount a
R, R o .
I Gear dynamics modeling }—>| Gear Finite Element Modeling |
v v ¢ v
. Support Vibration
Transmission Angular Engagement upp ! Sound power
. reaction forces displacement
error acceleration force level of gearbox
on two shafts of gearbox

I I I l I |

Whether optimization
requirements are met

| Optimized modification parameters

Fig. 2. Optimization model for gear tooth modification parameters

results are only used for comparison and analysis
with each case. Using the mathematical model of the
tooth profile curve described above, a differentiated
tooth profile curve is established in UG software,
followed by the formation of the tooth surface and
three-dimensional model. The modeling process is
illustrated in Fig. 4.

@ A ’ N oY S
Ay ; Aoy ' Aay ] Aty ]
] - ] |

Gear profile curve

Gear tooth surface

>
X
S
)

®

(n)

=-d

Fig. 3. Sinusoidal design method for gear tooth modification
amounts, a) Gear tooth modification amount arrangements,
b) Change rule of gear tooth modification amounts

Y

Fig. 4. Establishing the 3D model process for gear pairs

3 SIMULATION AND ANALYSIS
OF GEAR DYNAMICS PERFORMANCE

3.1 Establishment of Gear Dynamics Model

The gear model assembled in UG will be imported

Gear Differential Flank Modification Design Method for Low Noise

into Adams software for multibody dynamics
simulation, the construction of the gear dynamics
model is shown in Fig. 5. The material and contact
parameters of the gear pair are set as shown in Table
2. During the simulation process, the step function is
used to define the speed of the driving gear (pinion) to
the corresponding value within 0-0.1 s, and the driven
gear (gear) is also subjected to a torque load to the
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corresponding value. The values are kept constant for
solving calculations within 0.1 s to 1 s.

Fig. 5. Gear dynamics modeling

Table 2. Parameterization of dynamic model simulation

Parameter Value
Stiffness [N/mm] 8x105
Coefficient of static friction 0.3

Power index [-] 1.5

Static translation coefficient [mm/s] 100
Damping [N-s/mm)] 10
Coefficient of kinetic friction [-] 0.1

Depth of penetration [mm] 0.1

Friction translation coefficient [mm/s] 1000

To wverify and analyze the transmission

performance of the differentiated profile modification
gear pair, four pairs of gears are designed with the
same geometric parameters. The first pair of gears does
not undergo tooth profile modification, the second and
the third pairs of gears adopts the existing common
gear modification method, and the same amount of
modification is applied to the tooth flanks of both
the pinion and gear. The fourth pair of gears adopt
the design method of differentiated modification,
and their modification parameters are shown in
Table 3. The differentiated modification parameters
of the fourth pair of gears were obtained through the
optimization model shown in Fig. 2. The modification
method is the same for Case 2 and Case 3. The tooth
top in Case 2 is modified by 8° and the tooth root by
5°, while the tooth top in Case 3 is modified by 13°
and the tooth root by 8°, which is the same amount
of modification for each tooth in these two sets of
cases. The dynamic meshing performance of the gear
pair during transmission is analyzed by simulating the
centroid angle acceleration of the driven gear and the
meshing force of the gear pair under the conditions
of the driven gear load being 100 N-m and 350 N-m
respectively, and the driving gear speed is 3000 rpm,
5000 rpm, and 8000 rpm, respectively.

574

Table 3. Pinion parameters for tooth profile modification

Mean value Fluctuation threshold
of modification amount [°]  of modification amount [°]
Top Root Top Root
Case 1 0 0 0 0
Case 2 8 5 0 0
Case 3 13 8 0 0
Case 4 8 5 10 6

3.2 Comparative Analysis of Gear Angular Acceleration

The angular acceleration of the driven gear's centroid

was measured over time using simulation, and its

frequency domain representation was obtained
through Fourier transformation. Due to space
limitations, only the frequency domain graphs are
shown here, and subsequent analyses will follow this
format.

From the comparative analysis of gear angular

acceleration in Figs. 6 to 11:

1. The theoretical meshing frequencies at known
speeds of 3000 rpm, 5000 rpm, and 8000 rpm are
respectively 1600 Hz, 2666.67 Hz, and 4266.67
Hz. The meshing frequencies in all spectral
graphs correspond to the theoretical values,
confirming the accuracy of the dynamic model.

15194.9¢ Case |
Case 2.
12487.41 Case 3
12649.38 Case 4
15000 1
S [1934:58 6720.29
2 12000
g 2971.49
F 90001 3078.42
E |
| - - 1 — - — . v
g 6000 ~Pe0s9] [~ 30693 T
k| 284402 | 534.87 |
Z, 3000 225 '
2 T wsp

0 v v r v v T . y
0 1000 2000 3000 4000 5000 6000 7000 8000
Frequency (Hz)

Fig. 6. Comparison of angular acceleration spectrograms
at 3000 rpm and 100 N-m

2. Under the same speed, the amplitude of angular
acceleration at 1 to 3 times the meshing frequency
increases with higher loads, under the same load,
the amplitude generally tends to increase with
higher speeds.

3. Across all conditions, the amplitude of angular
acceleration at the fundamental meshing
frequency is highest for Case 1, followed by
Case 2 and Case 3, and lowest for Case 4. This
indicates that differentiated modification results
in lower angular accelerations compared to
traditional modified and unmodified gears, with
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the greatest reduction at 5000 rpm of 100 Nm,
where Case 4 is reduced by 27.74 % compared to
Case 1, 9.28 % compared to Case 2 and 10.75 %

compared to Case 3.

2217879 T

Case 1
20388.16 Case 2!
20990.26 Case 3
Case 4
20010.8 12853.91 1
> 20000
=
g
= 16000 8633.59 7308.54
2 bs13.4 6572.44 1
£ 12000 A Lo }
8 1 b
2 8000+ ] / 1 I
= 440.4 ] ]
2 40001° | - 7712.87 1 I

0 T T T T T T T 1
0 1000 2000 3000 4000 5000 6000 7000 8000
Frequency (Hz)

Fig. 7. Comparison of angular acceleration spectrograms

under conditions of 5000 rpm of 100 Nm, 3000
rpm of 350 Nm and 8000 rpm of 100 Nm. At
three times the meshing frequency, the maximum
reductions for Case 4 compared to Cases | to 3
are 57.6 %, 7.08 % and 3.21 %, respectively.
Compared to gears modified by traditional
methods, the amplitude of angular acceleration of
the driven gear’s centroid is reduced, indicating
that differentiated modification methods are
beneficial in reducing vibration and noise in gear
pairs.

Compared to Cases 1 to 3, Case 4 shows varying
degrees of increase in the amplitude of sidebands
adjacent to the meshing frequency peaks, proving
the correctness of the method proposed in this
paper, which involves introducing additional
sidebands to reduce the amplitude of gear
meshing harmonics.

Angular acceleration (rad/s?)

at 3000 rom and 350 N'm]
716903.95 I Case |
Case 2
Case 3
13463.98 Case 4
13686.48 |
16000 8862.3
140001 12214.57
12000 3952:06
10000 3694.82
8000 I pe2asi] 179063} |
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Fig. 8. Comparison of angular acceleration spectrograms
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Fig. 10. Comparison of angular acceleration spectrograms at

at 5000 rpm and 100 N'm
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38044.38 Case 4
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Fig. 9. Comparison of angular acceleration spectrograms
at 5000 rom and 350 Nm

At twice and three times the meshing frequency,
Case 1 also shows the highest amplitude, followed
by Case 2 and Case 3, and Case 4 the lowest.
At twice the meshing frequency, the maximum
reductions for Case 4 compared to Cases 1 to 3
are 60.43 %, 10.66 % and 4.35 % respectively,

Gear Differential Flank Modification Design Method for Low Noise

8000 rpm and 100 Nm
| 74898839 Case 1
48522.88 Case 2
47950.53 Case 3
47004.77 Case 4
48000
§ 42000
£ 36000 15448.7
=]
£ 300001 10214.14 73784
2 24000 1005177 566532 |
8
£ 180001 1002291 | 5809.65
= 12000 | 5602.6]
£ 6000

0 2000 4000 6000 8000 10000 12000 14000 16000
Frequency (Hz)

Fig. 11. Comparison of angular acceleration spectrograms at

8000 rpm and 350 Nm

To ensure the accuracy and reliability of the
results, angular acceleration data from 80
different operational conditions were analyzed,
with sampling conducted across a range of speeds
from 1000 rpm to 10000 rpm and loads from 50
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N-m to 400 N-m. A detailed comparison revealed
that in these 80 conditions, compared to Case 1,
Case 4 demonstrated a reduction in the amplitude
of the first three meshing frequencies in 79 cases,
achieving an effectiveness rate of 98.75 %.
When compared to Case 2, the effectiveness rate
reached 71.25 %. This data robustly supports the
superior dynamic performance of differentially
modified gear teeth over conventionally modified
gear teeth.

3.3 Comparative Analysis of Engagement Force

Through simulation measurements, the resultant

forces in the x and y directions during the meshing of

the driving and driven gears were plotted over time,
and their frequency domain graphs were obtained
through Fourier transformation. At the initial stage of

gear meshing, due to the impact between the teeth, a

large meshing force is generated. However, this stage

has a minor impact on the overall analysis and can be

disregarded .

From the comparative analysis of gear meshing

forces in Fig. 12 to 17:

1. At the same speed, the amplitude of the meshing
force at harmonic frequencies increases with
higher loads, at the same load, the amplitude
of the meshing force at harmonic frequencies
generally tends to increase with higher speeds.

2. Across all conditions, the amplitude of the
meshing force at the fundamental meshing
frequency is highest for Case 1, followed by
Case 2 and Case 3, and lowest for Case 4. This
indicates that the meshing force for differentially
modified gears is lower than that for traditionally
modified and unmodified gears. At the condition
of 5000 rpm and 100 N-m, the reduction reaches
its maximum value, with Case 4 showing a
decrease of 27.92 % compared to Case 1, 9.14
% compared to Case 2 and 10.37 % compared to
Case 3.

3. The same trend is observed at the second and
third harmonic frequencies, where Case 1 has
the highest amplitude, followed by Case 2 and
Case 3, and Case 4 has the lowest. At the second
harmonic frequency, Case 4 shows the maximum
reduction compared to Cases 1-3 at conditions of
5000 rpm of 100 N-m, 3000 rpm of 350 Nm and
8000 rpm of 100 Nm, with maximum reductions
of 59.24 %, 10.43 % and 4.63 %, respectively.
At the third harmonic frequency, the maximum
reductions for Case 4 compared to Cases 1 to 3
are 80.38 %, 6.74 % and 9.07 %, respectively.

4. Compared to traditionally modified gears, the

amplitude of the meshing force of the driven gear
is reduced in Case 4, indicating that differential
modification methods are beneficial in reducing
vibration and noise in gear pairs.

5. Compared to Cases 1 to 3, Case 4 also shows

varying degrees of increase in the amplitude
of sidebands around the peaks of meshing
harmonics, which is beneficial for reducing the
amplitude at these harmonic frequencies.
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3.4 Comparative Analysis of Gear Transmission Errors

Through gear dynamics simulation, transmission
error curves of gear pairs can be obtained, because
transmission error is independent of gear speed,
and since the dynamics model uses rigid bodies for
simulation, transmission error is also unaffected by
load. It only analyzes the transmission error under
one operating condition (5000 rpm and 100 N-m)
for comparison, as shown in Fig. 18. Fast Fourier

Transform (FFT) of these transmission errors yields
the order spectra, as illustrated in Fig. 19. From the
comparative analysis of the gear transmission errors in
Fig. 18 and 19, it can be observed that:

1. The driven gear exhibits 48 cycles of fluctuation
per revolution, aligning with the number of
teeth on the driven gear. Unlike Case 1, Case 2
and Case 3, Case 4's transmission error curve is
not stable but matches the pattern of a complete
sinusoidal cycle. This phenomenon confirms the
accuracy of the differentiated gear modification

—_— o = N

model.
o — Case 1
3 L
21
N
0 1 1 1 1 1 1
N —
g 5 Case 2
o1
Z ot
g
e-lr
[0}
=
.2
7
=
s
H

— o =N W

0 1 2 3 4 5 6
Driven gear rotation angle (rad)

Fig. 18. Comparison of transmission error time domain diagrams

2. The opening sizes of the transmission error
curves in all Cases are comparable, and the
periodic patterns are consistent. By comparing
the amplitude of fluctuations in the transmission
error curves, Case 1 has the largest, followed by
Case 2 and Cases 3, and Case 4 has the smallest,
indicating that the meshing in Case 4 is the most
stable.

3. The sum of the amplitudes of the first four
orders of transmission errors is the largest in
Case 1, followed by Case 2 and Cases 3, and the
smallest in Case 4. The sum of the amplitudes
of the first four orders of transmission errors
effectively reflects the quality of the gear profile
modification [33]. Case 4 shows a reduction of
38.89 % compared to Case 1, 15.79 % compared
to Case 2 and 25.74 % compared to Case 3. This
demonstrates that differentiated modification
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provides smoother transmission compared to
traditional modification methods and unmodified
gears.
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4 SIMULATION AND ANALYSIS OF GEARBOX VIBRATION
AND RADIATED NOISE

4.1 Establishment of Gearbox Finite Element Model

The excitations generated during the gear meshing
process are transmitted through the gear shafts to the
gearbox, causing vibrations and noise in the gearbox.
Therefore, the following will simulate the noise of the
gear pair based on the finite element method. In the
pre-processing module, the gearbox is meshed, and
its material is specified as gray cast iron. In Adams
software, the support reaction data in the x and y
directions of the gear pair's shafts are extracted, these
support reaction data are used as the excitation source
for vibration response analysis of the gearbox, and the
radiated noise of the gearbox are solved. In Simcenter
3D software, corresponding models for acoustic
analysis of the gearbox are established. The thickness
of the gearbox is 8 mm, the radius of the sound field
is I m.

Table 4. Partial natural frequency of gearbox

Spectral Natural Spectral Natural
order frequency [Hz] order frequency [Hz]

6 2008 42 6393

15 3186 44 6525

29 5074 47 6977

30 5190 50 7335

55 6051 62 8035

Since this article only compares the impact
of different cases on the vibration and noise of the
gearbox, to prevent other factors from affecting the
comparison results, the entire bottom of the gearbox

is securely constrained. Modal analysis is performed
on the gearbox to solve the first 100 modes of the
gearbox and obtain its first 100 natural frequencies.
As shown in Table 4, due to space limitations, only
the natural frequencies of the gearbox that have a
significant impact on subsequent simulation analysis
are listed.

4.2 Comparative Analysis of Gearbox Sound Power Levels

From the comparative analysis of the sound power
levels of the gearbox casing shown in Figs . 20 to 25,
the following can be observed:

1. At the same rotational speed, the sound power
level amplitudes at the first three meshing
frequencies increase with higher loads. Due to
the influence of the casing's natural frequencies,
resonance occurs at frequencies close to the
natural frequencies of the casing, resulting in
larger amplitudes near these natural frequencies.
For example, near the frequency of 2008 Hz,
an increase in amplitude is observed in all
conditions, especially at a rotational speed of
5000 rpm. Increased amplitudes are also seen
between frequencies of 6000 Hz to 8000 Hz.
Additionally, at a rotational speed of 3000 rpm,
the amplitude at twice the meshing frequency
is higher than at the meshing frequency, and at
rotational speeds of 5000 rpm and 8000 rpm, the
amplitude at three times the meshing frequency is
higher than at twice the meshing frequency due to
this reason.
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Sound power level (dB)
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Fig. 20. Comparison of sound power level spectrograms
at 3000 rpm and 100 Nm

2. Under all conditions, the sound power level
amplitude at the meshing frequency is the highest
for Case 1, followed by Case 2 and Case 3, and
the lowest for Case 4. The maximum reduction
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is observed at conditions of 3000 rpm of 350
Nm and 5000 rpm of 350 Nm, where Case 4 is
reduced by 3.43 % compared to Case 1, 2.43 %
compared to Case 2 and 2.47 % compared to
Case 3.
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Fig. 22. Comparison of sound power level spectrograms
at 5000 rpm and 100 Nm
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At twice and three times the meshing frequency,
Case 1 also shows the highest amplitude, followed
by Case 2 and Case 3, and the lowest for Case 4.
At twice the meshing frequency, the maximum
reduction for Case 4 compared to Cases 1-3
occurs at conditions of 5000 rpm of 100 Nm and
3000 rpm of 350 Nm, with maximum reductions
of 7.43 %, 2.49 % and 1.85 %, respectively. At
three times the meshing frequency, the maximum
reductions for Case 4 compared to Cases 1 to 3
are 14.7 %, 2.68 % and 3.91 %, respectively.
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at 8000 rpm and 100 N-m

4. All of these laws are similar to the laws of
vibration displacement,
correlation between

illustrating the close
vibration

noise.
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Fig. 23. Comparison of sound power level spectrograms
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Compared to gears modified by traditional
methods, the sound power level amplitudes
of the driven gear are reduced, indicating that
differentiated modification methods are beneficial
in reducing the noise of gear pairs.
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5 CONCLUSIONS

This paper discusses the impact of wusing a
differentiated tooth modification method on the
dynamic meshing performance of gear pairs. It
compares this method with normal tooth modification
gears and unmodified gears, arriving at the following
main conclusions:

1. A differentiated tooth modification method is
proposed, where the modification amount of
adjacent teeth varies according to a sine function,
and a mathematical model of the gear tooth
profile is established.

2. Using transmission error, centroid angular
acceleration, and meshing force to characterize
the dynamic meshing performance of gear pairs, a
comparative analysis is conducted between gears
using the differentiated modification method,
normally modified gears, and unmodified gears.
The results show that differentiated modification
can improve the dynamic meshing performance of
gear pairs. Compared to normally modified gears,
the sum of the amplitudes of the first four orders
of transmission error is reduced by up to 25.74
%, the amplitude of the angular acceleration at
the meshing frequency is reduced by up to 10.75
%, and the amplitude of the meshing force at the
meshing frequency is reduced by up to 10.37 %.

3. A comparative analysis of the noise conditions
of three pairs of gears shows that, compared to
normally modified gears, the sound power level
amplitude at the meshing frequency is reduced by
up to 2.47 %.

4. Eighty sets of conditions were sampled for
multibody dynamics analysis, and the simulation
results show that gears with differentiated

modification performed better in dynamic
meshing performance in over 70 % of the
conditions compared to normally modified
gears, fully validating the effectiveness of the
differentiated modification method in reducing
vibration and noise.
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